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Abstract 8 

Active control is a highly effective method for mitigating low-frequency noise transmis- 9 

sion. To address the coupling effect and practical implementation challenges associated 10 

with conventional active control methods, a specific strategy for active control of noise 11 

transmission is developed. By leveraging an intuitive representation of transmitted sound 12 

power through force radiation modes, the control forces are designed such that the total 13 

excitation force vector becomes orthogonal to each dominant force radiation mode. De- 14 

tailed theoretical development and case studies are presented. The research results indi- 15 

cate that decoupled control of transmitted sound power corresponding to each force radi- 16 

ation mode can be achieved, and excellent control outcomes can be obtained in both 17 

oblique incident and diffuse field applications. Further investigations reveal that the noise 18 

transmission can be effectively reduced, while the total vibration attenuation on the plate 19 

may not be assured, which depends on the relationship that exists between dominant 20 

force radiation modes and corresponding structural modes. 21 

Keywords: noise transmission; active control; force radiation modes; decoupling; low- 22 

frequency 23 

 24 

1. Introduction 25 

Contemporary high-end equipment is increasingly characterized by high speed, 26 

heavy loads, lightweight construction, and operation in extreme environments, which 27 

brings more serious structural vibration and noise problems. In particular, the effective 28 

mitigation of low-frequency noise transmission is an urgent problem to be solved.  29 

According to the mass law of sound insulation, structures with high transmission 30 

loss are characterized by a high surface density, which can result in excessive weight, 31 

especially in the low-frequency region. Due to the demand for lightweight design and low 32 

cost, alternative approaches are considered in practice. Beyond widely adopted damping 33 

material installation, topology optimization, and composite structure design methods, 34 

several researchers have investigated the attachment of discrete rigid masses to plates [1], 35 

demonstrating that this approach can yield greater transmission loss than a simple uni- 36 

form mass increase. The use of dynamic vibration absorbers attached to a primary struc- 37 

ture to improve the noise insulation has also been widely investigated [2–4]. In these stud- 38 

ies, various types of dynamic vibration absorbers have been proposed, with their reso- 39 

nance frequencies tuned to specific target frequencies to suppress structural vibrations 40 

and, consequently, reduce sound transmission. In recent years, advances in acoustic 41 
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metamaterial theory have further enabled the development of actively tunable acoustic 42 

metamaterials, which have also been employed to improve sound transmission loss [5,6]. 43 

Active structural acoustic control (ASAC) is an effective acoustic control method that 44 

has minimal influence on the physical characteristics of the controlled structure, offering 45 

a significant advantage in achieving a satisfactory control effect in the low-frequency re- 46 

gion. Therefore, studies and solutions on sound insulation with ASAC have been increas- 47 

ingly predominant. An analytical and experimental investigation of active control of 48 

sound transmission through double-panel systems was conducted by Carneal using the 49 

ASAC method [7]. Maamoun proposed a novel ASAC strategy for transparent-patched 50 

vibrating plates, achieving enhanced noise reduction and offering new insights into how 51 

actuator configuration influences acoustic performance [8]. Leveraging the principle that 52 

structural vibration can be decoupled from acoustic radiation, numerous researchers have 53 

extensively explored ASAC approaches based on Acoustic Radiation Modes (ARMs), 54 

yielding many significant and constructive results [9–11].  55 

From the perspective of control objectives, existing ASAC research can be broadly 56 

classified into two categories: structural mode (SM)-based control and ARM-based control. 57 

In SM-based ASAC methods, noise reduction is not guaranteed due to the inherent cou- 58 

pling between structural modes and radiated sound power. In contrast, ARM-based ap- 59 

proaches enable decoupled control of radiated acoustic power; however, they do not pro- 60 

vide an intuitive means to determine the spatial distribution of the required control forces, 61 

which presents practical challenges for implementation. 62 

Yamaguchi [12,13] introduced a structural admittance matrix to extend the concept 63 

of ARM to Force Radiation Mode (FRM), asserting that the FRM method provides the 64 

most effective framework for analyzing the relationship between excitation force distri- 65 

bution and radiated sound power. Based on this approach, Ji employed FRMs to investi- 66 

gate the influence of excitation forces on structural sound radiation and to inform the de- 67 

sign of low-noise structures [14,15]. Since the radiated sound power is expressed by the 68 

excitation force as the variable, FRMs offer a more intuitive representation of the relation- 69 

ship between the excitation force and the transmitted sound power, facilitating the deter- 70 

mination of control force distribution requirements in ASAC. Building upon these merits, 71 

the authors previously introduced FRMs into ASAC for acoustic radiation problems [16]. 72 

In this paper, the FRM framework is extended to the domain of noise transmission, and a 73 

specific active control strategy is developed, which is implemented and evaluated 74 

through rigorous case studies.  75 

76 
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2. Theoretical development  77 

2.1. Concept of force radiation mode  78 

Consider an arbitrary vibrator structure immerged in homogeneous fluid with sound 79 

velocity 𝑐0 and density 𝜌0, and the structure vibrates harmonically and creates reflected 80 

and transmitted sound waves in the upper and lower half-spaces at frequency 𝜔, respec- 81 

tively. The vibrating surface is discretized into N elements, and all distributed acoustical 82 

quantities are represented by corresponding samplings at the centers of each discretized 83 

element. 84 

The surface pressure vector 𝐩 can be expressed by the normal velocity vector 𝐯n  85 

(𝑒𝑗𝜔𝑡 is assumed for a simple form) 86 

𝐩 = 𝐙𝐒𝐯n = (𝐑′ + 𝑗𝐗′)𝐒𝐯n, (1) 

where, 𝑗 = √−1，𝐩 and 𝐯n are (𝑁 × 1) vectors of surface pressure and normal velocity 87 

on the discretized vibrating boundary surface, respectively, S is an (𝑁 × 𝑁) diagonal ma- 88 

trix with area of the i-th element 𝑠𝑖(𝑖 = 1,2, … , 𝑁) in the diagonal position， 𝐙 is an  89 

(𝑁 × 𝑁) impedance matrix of the vibrating structure surface with real part matrix 𝐑′ and 90 

imaginary part matrix 𝐗′ , and it is always derived by the Boundary Element Method 91 

(BEM) procedure and other numerical methods. 92 

The transmitted sound power 𝑊𝑡 can be obtained by surface pressure 𝐩 and normal 93 

velocity 𝐯n 94 

𝑊𝑡 =
1

4
[𝐩T𝐒𝐯𝒏

∗ + 𝐩H𝐒𝐯n], (2) 

where, superscript “*” ， “T” and “H” denote conjugate transpose and conjugate trans- 95 

pose operator respectively.  96 

Substituting Equation (1) into Equation (2), the transmitted sound power 𝑊𝑡 can be 97 

obtained as 98 

𝑊 =
1

2
𝐯𝐧

H𝐒𝐑′𝐒𝐯𝐧 = 𝐯𝐧
H𝐑𝐯𝐧, (3) 

where 𝐑=𝐒𝐑′𝐒 𝟐⁄ ，which is an (𝑁 × 𝑁) real symmetric matrix. For the plate radiators in 99 

a baffle, this radiation matrix can be calculated analytically, 100 

𝑅=
𝑘2𝜌𝑐

4π

[
 
 
 
 
 
 𝑠1𝑠1

𝑠1𝑠2sin𝑘𝑟12

𝑘𝑟12

⋅⋅⋅
𝑠1𝑠𝑁sin𝑘𝑟1𝑁

𝑘𝑟1𝑁

𝑠2𝑠1sin𝑘𝑟21

𝑘𝑟21

𝑠2𝑠2 ⋅⋅⋅
𝑠2𝑠𝑁sin𝑘𝑟2𝑁

𝑘𝑟2𝑁
⋅⋅⋅ ⋅⋅⋅ ⋅⋅⋅ ⋅⋅⋅

𝑠𝑁𝑠1sin𝑘𝑟𝑁1

𝑘𝑟𝑁1

𝑠𝑁𝑠2sin𝑘𝑟𝑁2

𝑘𝑟𝑁2

⋅⋅⋅ 𝑠𝑁𝑠𝑁 ]
 
 
 
 
 
 

 (4) 

in which 𝑟𝑚𝑛 is the distance from element m to element n, and 𝑘 = 𝜔 𝑐0⁄  is the wave num- 101 

ber. 102 

The relationship between the normal velocity 𝐯𝐧 and the excitation force vector 𝐅 103 

can be expressed as 104 

𝐯𝐧 = 𝐐𝐅, (5) 

where 𝐐 is the (𝑁 × 𝑁) structural admittance matrix, by which the structural-acoustic 105 

interaction can be counted comprehensively. According to the modal analysis theory, the 106 

matrix Q of the plate vibrating in the air can be expressed by approximately 107 
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𝑄(𝑚, 𝑛) = 𝑗𝜔 ∑
Φ𝑖(𝑚)Φ𝑖(𝑛)

𝑚𝑖(𝜔𝑖
2(1 + 𝑗𝜂𝑖) − 𝜔2)

∞

𝑖=1

 (6) 

where Φ𝑖 is the mode shape vector, 𝑚𝑖 is the modal mass, 𝜔𝑖 and 𝜂𝑖 are the modal fre- 108 

quency and damping loss factor, respectively. The subscript i denotes the mode order 109 

number. 110 

Substituting Equation (5) into Equation (3), the transmitted sound power 𝑊𝑡 can be 111 

rewritten as 112 

𝑊𝑡 = 𝐅H𝐐H𝐑𝐐𝐅 = 𝐅H𝐓𝐅, (7) 

where 𝐓 = 𝐐H𝐑𝐐，which is an (𝑁 × 𝑁) Hermitian matrix. From the physical definition 113 

of the acoustic power 𝑊𝑡 in Equation (7), it can be deduced that 𝑊𝑡 > 0 will always be 114 

true except when the excitation force vector equals 0. Therefore, 𝐓 is positive definite and 115 

Hermitian, and it can be expressed by the eigenvalue decomposition as 116 

𝐓 = 𝐃𝐀𝐃H, (8) 

where 𝐀 is a diagonal matrix with eigenvalues  𝜆𝑖(𝑖 = 1,2, … , 𝑁) decreasing monoton- 117 

ically along the diagonal, 𝐃 represents an  (𝑁 × 𝑁) matrix whose columns are eigenvec- 118 

tors 𝐝𝑖(𝑖 = 1,2, … , 𝑁). Since 𝐓 is positive definite and Hermitian, all of its eigenvalues 𝜆𝑖 119 

are positive real, and its eigenvectors 𝐝𝑖 are orthogonal to each other. Each eigenvector 120 

𝐝𝑖 represents a particular excitation force pattern on the vibrating surface, so it’s termed 121 

as Force Radiation Mode specifically. 122 

From Equation (7), the matrix 𝐓 depends on 𝐐 and 𝐑. By the definition, 𝐐 is related 123 

to the stiffness matrix and mass matrix of the structure, while 𝐑 is related to the geometry 124 

of the vibrating surface and excitation frequency. Therefore, FRMs are not only dependent 125 

on the geometry and excitation frequency but also on the material properties and bound- 126 

ary conditions of the flexible structure. 127 

2.2. Transmitted Noise and Transmission Loss  128 

 129 

Figure 1. Illustration of the incidence wave and coordinates 130 

For the noise transmission problem, as illustrated in Figure 1, assume an oblique 131 

plane sound wave 𝑝inc varying harmonically is incident upon the structure with eleva- 132 

tion angle 𝜃𝑖 and azimuth angle ∅𝑖, and the amplitude 𝑃0  133 

𝑝inc(𝑥, 𝑦, 𝑧) = 𝑃0𝑒
−𝑗(𝑘𝑥𝑥+𝑘𝑦𝑦+𝑘𝑧𝑧), (9) 

where 𝑘𝑥 = 𝑘0𝑠𝑖𝑛𝜃𝑖𝑐𝑜𝑠∅𝑖，𝑘𝑦 = 𝑘0𝑠𝑖𝑛𝜃𝑖𝑠𝑖𝑛∅𝑖，𝑘𝑧 = 𝑘0𝑐𝑜𝑠𝜃𝑖, and 𝑘0 = 𝜔 𝑐0⁄ . 134 

Substituting Equation (8) into Equation (7), the transmitted sound power 𝑊𝑡  be- 135 

comes 136 

𝑊𝑡 = 𝐅H𝐃𝐀𝐃H𝐅 = 𝐲𝐀𝐲H = ∑ 𝜆𝑖|𝑦𝑖|
2𝑁

𝑖=1 , (10) 
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where 𝐲 = 𝐅H𝐃，which is the amplitude coefficient vector of FRM, and the excitation 137 

force vector 𝐅 can be determined by  138 

𝐅 = 𝐒𝐩b, (11) 

where 𝐩b is the blocked pressure vector with each element equals 2𝑝inc[3,17]. 139 

As can be seen from Equation (10), the total transmitted sound power is the sum of 140 

corresponding components of each order of FRM, and there is no coupling behavior be- 141 

tween each FRM. Therefore, the transmitted sound power can be decoupled and con- 142 

trolled effectively via the independent FRMs.  143 

The power that is incident on the structure is given by  144 

𝑊𝑖 = ∬ 𝑃0
2cos⁡(𝜃𝑖) (2𝜌0𝑐0)⁄ 𝑑𝑆, (12) 

Finally, the transmission loss 𝑇𝐿 can be obtained by the oblique sound power trans- 145 

mission coefficient 𝜏(𝜃𝑖 , ∅𝑖) 146 

𝑇𝐿 = 10 log10(1 𝜏(𝜃𝑖, ∅𝑖)⁄ ) = 10 log10(𝑊𝑖 𝑊𝑡⁄ ), (13) 

2.3. Strategy of active control   147 

For active control of noise transmission, supposing the total excitation force distribu- 148 

tion on the flexible structure is composed of an oblique plane sound wave 𝑝inc and sec- 149 

ondary control forces 𝐅𝒔 150 

𝐅 = 𝐒𝐩b + 𝐅𝒔, (14) 

It can be seen from the observation of Equation (10) that perfect control can be ob- 151 

tained if the FRM amplitude coefficient vector 𝐲 can be set to 0. To satisfy this condition, 152 

an intuitive active control principle can be formed, on which the total excitation force vec- 153 

tor 𝐅 is orthogonal to each dominant FRM by assigning a certain secondary control force 154 

distribution. In practical applications, since the first several eigenvalues in Equation (10) 155 

are far larger than others, the transmitted sound power would mainly be contributed by 156 

the corresponding dominant FRMs, and the amplitude coefficient vector 𝐲 can be ex- 157 

pressed approximately by 158 

𝐲 ≈ (𝐒𝐩b + 𝐅𝒔)
H[𝐝1 …⁡𝐝𝑘], (15) 

where 𝐝1, … , 𝐝𝑘 are the first 𝑘 dominant FRMs. 159 

If the amplitude of 𝐲 in Equation (15) is driven to 0, the desired secondary control 160 

forces 𝐅𝒔 can be expressed as 161 

𝐅𝒔 = −(𝐃𝒌
H)

+
𝐃𝒌

H𝐒𝐩b, (16) 

where 𝐃𝒌 = [𝐝1 …⁡𝐝𝑘], and superscript “+” denotes pseudo inverse operator. Note that 162 

eigenvectors 𝐝𝑖 are orthogonal to each other, the matrix 𝐃𝒌 is an orthonormal matrix, 163 

and its condition number is 1. In practice, Equation (16) can be solved by an adaptive 164 

control algorithm. 165 

Therefore, a strategy of active control based on FRM theory is summarized as follows: 166 

(1) Discretize the vibrating surface of the flexible structure, and perform the eigen- 167 

value decomposition according to Equation (8) to obtain eigenvectors and eigenvalues. 168 

(2) Determine the first 𝑘 dominant FRMs by a certain criterion, e.g., 𝜆𝑖 𝜆1⁄ > 0.01. 169 

(3) Calculate amplitude coefficients of the dominant FRMs. 170 

(4) Set the square sum of amplitude coefficients as the control objective function. 171 

(5) Arrange secondary control forces according to the discretized grids, and adjust 172 

them to minimize the objective function in Equation (15) by direct matrix calculation using 173 

Equation (16) or an alternative adaptive control algorithm. 174 
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3. Case studies 175 

Consider an acoustic plane wave incident on a rectangular plate as shown in Figure 176 

1. The density of the air medium 𝜌0 is 1.21 kg/m3, and the sound velocity 𝑐0 is 343 m/s. 177 

For the low-frequency noise transmission problem, the dimensions of the plate are com- 178 

parable to the large sound wavelengths, and the plate is modeled as simply supported in 179 

an infinite baffle. Key parameters of the plate are listed in Table 1, and the first six struc- 180 

tural modal frequencies are shown in Table 2.   181 

Table 1.  Key parameters of the plate 182 

Item Value Unit 

Density 𝜌 2700 kg/m3 

Young's modulus 𝐸 70 Pa 

Poisson's ratio 𝜈 0.33 / 

Loss factor 𝜂 0.004 / 

Width 𝐿𝑥 0.38 m 

Length 𝐿𝑦 0.15 m 

Thickness ℎ 0.81 mm 

Table 2.  The first 6 structural modal frequencies 183 

Order (1,1) (1,2) (1,3) (1,4) (2,1) (2,2) 

Modal frequency /Hz 101.8 142.9 211.5 307.6 365.9 407.1 

 184 

3.1. FRM calculations  185 

According to the theoretical development described in this paper, FRM calculations 186 

are performed at representative modal and non-modal frequencies. The amplitude distri- 187 

butions of the first four FRMs at (1,1), (1,2), (2,2) modal frequencies and non-modal fre- 188 

quency of 390Hz are illustrated in Figure 2(a)~(d), respectively. It can be seen that each 189 

order of FRM will change significantly at different frequencies. At the modal frequencies 190 

of the plate, the 1st FRM exhibits high consistency with the corresponding SM, and the 191 

higher-order FRMs resemble the SMs at adjacent modal frequencies. However, at the non- 192 

modal frequencies, the FRMs are not necessarily similar to the SMs at the adjacent modal 193 

frequencies. 194 

  

a) At (1,1) modal frequency b) At (1,2) modal frequency 
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c) At (2,2) modal frequency 

 

d) At non-modal frequency 390Hz 

Figure 2. The FRM amplitude distributions at typical frequencies 195 

Figure 3 gives the first six eigenvalues of the plate varying with frequency. As can be 196 

seen, after mathematical eigenvalue decomposition, the eigenvalues corresponding to the 197 

1st FRM are always the largest, and exhibit peak values at each modal frequency. The 198 

eigenvalues corresponding to the higher-order FRMs decrease with increasing order. At 199 

odd-odd modal frequencies, the eigenvalues corresponding to the higher-order FRMs de- 200 

crease the most with increasing order, followed by odd-even (even-odd) modal frequen- 201 

cies. Meanwhile, at even-even and non-modal frequencies, the eigenvalues may decrease 202 

much more slowly. The above results reveal that it is sufficient to consider the contribu- 203 

tion of the 1st or a first few dominant FRMs in the active control at odd-odd and odd-even 204 

(even-odd) modal frequencies, whereas more FRMs may need to be considered at even- 205 

even and non-modal frequencies. 206 

 207 

Figure 3. The eigenvalues corresponding to the first 6 FRMs 208 

3.2. Calculation of transmitted noise and transmission loss 209 

Assume an oblique plane wave is incident on the plate at 𝜃𝑖 = 30° and ∅𝑖 = 45°, and 210 

the oblique incidence transmitted sound power 𝑊𝑡 in Equation (10) is estimated by dis- 211 

cretizing the structure surface. Since the estimation accuracy is determined by the mesh 212 

size, the convergence of estimation accuracy is checked first. To measure convergence of 213 
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estimation accuracy, an error indicator 𝐸 is defined by Equation (17), in which the refer- 214 

ence values 𝑊0(𝑓) are calculated with a dense enough grid 41×21.  215 

𝐸 = √
∑ |𝑊𝑡(𝑓)−𝑊0(𝑓)|2𝑓

∑ |𝑊0(𝑓)|2𝑓
× 100%, (17) 

Table 3.  Mesh grid sizes 216 

No. S1 S2 S3 S4 S5 

Grid sizes 9×5 13×7 17×9 21×11 25×13 

The plate is divided evenly into different mesh grids, as shown in Table 3, and the 217 

error indicator 𝐸 is calculated. The convergence results in the resonance-controlled fre- 218 

quency band 20Hz-1000Hz are illustrated in Figure 4, which shows that the estimation 219 

accuracy is improved gradually with a denser grid, and satisfactory convergence to the 220 

reference values is observed. For a balance of estimation accuracy and implementation 221 

efforts, a mesh grid 17×9 is desirable for subsequent analysis of the plate. 222 

 223 

Figure 4. Estimation accuracy of different mesh grids  224 

The accuracy validation of the transmitted sound power estimation with the pre- 225 

sented active control strategy is then conducted. The oblique transmitted sound power 226 

and transmission loss at 𝜃𝑖 = 30° and ∅𝑖 = 45° are calculated by the presented method 227 

via Equation (10) and by the analytic method [17]. Corresponding transmitted sound 228 

power and transmission loss are compared in Figure 5 and Figure 6, respectively. As can 229 

be seen from the figures, the results estimated by the presented method coincide well with 230 

those by the analytic method in general, especially in the low-frequency band. However, 231 

a moderate growing discrepancy trend is also observed with increasing frequency, which 232 

is due to the fact that the accuracy of the present method is restricted by the mesh grid 233 

size more obviously at higher frequencies. Considering that active control problems of 234 

noise transmission in practice mainly appear in the low-frequency region, the accuracy of 235 

the presented method is deemed sufficient.      236 
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 237 

Figure 5. Comparison of the oblique transmitted sound power (𝜃𝑖 = 30°, ∅𝑖 = 45°) 238 

 239 

Figure 6. Comparison of the oblique transmission loss (𝜃𝑖 = 30°, ∅𝑖 = 45°) 240 

3.3. Active control results 241 

Without loss of generality, two active control implementations are conducted, in 242 

which the transmitted sound contributed by the 1st FRM (termed as Control 1) and the 243 

first two FRMs are controlled (termed as Control 2) respectively. In addition to the oblique 244 

transmission loss TL, insertion loss IL is also adopted as a control effect indicator to 245 

demonstrate the performance of active control, which is defined as 246 

𝐼𝐿 = 𝑇𝐿 − 𝑇𝐿0, (18) 

where 𝑇𝐿0 is the oblique transmission loss without any control. 247 

The oblique transmission loss and insertion loss are obtained with the presented 248 

strategy of active control, and the results are shown in Figures 7 and 8. Detailed results at 249 

typical resonant frequencies and non-resonant frequency of 390Hz are given in Table 4. 250 

As can be seen from the results, control of the 1st FRM contributed transmitted sound 251 

power in Control 1 can already achieve satisfactory reduction results at low frequency 252 

region, especially at the major resonant frequencies, e.g., the insertion loss at the (1,1) res- 253 

onant frequency is up to 76.8dB. When the first two FRMs are controlled in Control 2, the 254 



FOR PEER REVIEW 10 of 17 
 

reduction of transmitted sound power is improved further over a wider frequency range, 255 

e.g., the insertion loss at the (1,2) order resonant frequency is increased substantially from 256 

2.6dB to 63.1dB. The observations are due to the fact that transmitted sound power is 257 

mainly contributed by the first few dominant FRMs at these frequencies.   258 

 259 

Figure 7. Results of the oblique transmission loss (𝜃𝑖 = 30°, ∅𝑖 = 45°) 260 

  261 

Figure 8. Results of the oblique insertion loss (𝜃𝑖 = 30°, ∅𝑖 = 45°) 262 

Table 4. Insertion loss at typical frequencies 263 

Modal order 

/Frequency 
(1,1)  (1,2) (1,3) (1,4) (2,1)  (2,2)  390Hz 

IL /dB (Control 1) 76.8  2.6  26.6  3.9  3.9  16.7  17.8  

IL /dB (Control 2) 85.6  63.1  57.1  36.0  25.8  0.1  23.8  

The diffuse field behavior of the presented strategy of active control is also investi- 264 

gated. The diffuse field on the source side can be designed as a sum of 𝑁𝑝 uncorrelated 265 

plane waves moving in random directions. 266 

𝑝inc,𝑑𝑖𝑓𝑓 =
𝑃0

√2𝑁𝑝

∑ 𝑒−𝑗(𝑘𝑛,𝑥𝑥+𝑘𝑛,𝑦𝑦+𝑘𝑛,𝑧𝑧)𝑒𝑗Ψ𝑛

𝑁𝑝

𝑛=1

 (19) 
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where 𝑘𝑛,𝑥 = 𝑘0𝑠𝑖𝑛𝜃𝑛𝑐𝑜𝑠∅𝑛 ， 𝑘𝑛,𝑦 = 𝑘0𝑠𝑖𝑛𝜃𝑛𝑠𝑖𝑛∅𝑛 ， 𝑘𝑛,𝑧 = 𝑘0𝑐𝑜𝑠𝜃𝑛 . The polar angles 267 

0≤𝜃𝑛≤π/2 and 0≤∅𝑛≤2π as well as the phase 0≤Ψ𝑛≤2π are independent random numbers. 268 

The term 1 √2𝑁𝑝⁄  ensures that the designed field has a constant intensity for any choice 269 

of 𝑁𝑝. 270 

By replacing the oblique incident field in Equation (9) with the diffuse field in Equa- 271 

tion (19), then the transmitted sound power and transmission loss for the diffuse field can 272 

be calculated with the present strategy. The results for large enough 𝑁𝑝 = 500 are illus- 273 

trated in Figure 9. It can be found that the diffuse field transmission loss curves resemble 274 

the above oblique results, except for slightly lower overall values in the low-frequency 275 

region, indicating that excellent control outcomes can still be achieved in diffuse field ap- 276 

plications with the presented strategy of active control.  277 

 278 

Figure 9. Results of the diffuse field TL before and after control 279 

3.4. Implementation feasibility  280 

The implementation feasibility of the presented control strategy is discussed through 281 

investigations of control performance and control force demand with grid size. Four grids 282 

termed as G1-G4 are prepared with the same 9 grids in the y direction and 3, 5, 9,17 grids 283 

respectively in the x direction. 284 

Firstly, the secondary control forces are arranged according to the discretized grids G1- 285 

G4. To reveal the control performance of the presented control strategy with different ar- 286 

rangements clearly, the transmission loss results of all arrangements are evaluated on the 287 

same dense enough grid G4, then the insertion loss is calculated by using the transmission 288 

loss without active control as the reference result 𝑇𝐿0. The control performances of Con- 289 

trol 1 case and Control 2 case in low-frequency regions are demonstrated in Figure 10(a) 290 

and Figure 10(b), respectively. It can be observed that the oblique insertion loss of grid G1 291 

is not satisfactory due to insufficient control forces (3 grids), and the results increase grad- 292 

ually with denser grids G2-G4. Hence, it can be inferred that the influence of control force 293 

size on final control performance is similar to the rule of velocity sampling for sound ra- 294 

diation prediction [18], and the control force size is directly determined by the FRM dis- 295 

tribution in the low-frequency region. By overall analysis of the results of G1-G4, the sam- 296 

pling interval should be less than half of the geometrical length of the FRM to guarantee 297 

reasonable control performance. Meanwhile, it can be noted that the insertion loss results 298 

are always positive except at two anti-resonate frequencies (i.e., 204Hz and 426Hz that 299 

correspond to transmission sound power dips in Figure 5), which means that additional 300 

transmission loss can be ensured as the requirement of control force size is satisfied.  301 
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 302 
a) Control 1 303 

  304 
b) Control 2 305 

Figure 10. Control performance of Control 1 and Control 2 with grid sizes 306 

Moreover, the control effort is investigated, and it’s represented by the amplitude ratio 307 

of the control force to the incident plane sound wave. The max ratio results of Control 1 308 

case and Control 2 case are illustrated in Figure 11(a) and Figure 11 (b), respectively. It 309 

can be seen from the results that the max control force amplitudes are inversely propor- 310 

tional to the grid size generally, and the control forces are all within the feasible range of 311 

actuators. Therefore, the applicability of the presented strategy can be ensured in essence.  312 
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 313 

a) Control 1 314 

 315 

b) Control 2 316 

Figure 11. Control effort of Control 1 and Control 2 with grid sizes 317 

 318 

4. Further investigations 319 

To demonstrate the performance of the presented strategy of active control more 320 

clearly, some active control cases at typical modal and non-modal frequencies in Table 4 321 

are analyzed, and further investigations are conducted.  322 

First, the control case at the (1,1) resonant frequency was examined. As can be seen 323 

from the detailed results in Table 4, a satisfactory control result can already be obtained 324 

when the 1st FRM is controlled. The amplitude comparison of FRMs and SMs before and 325 

after control is shown in Figure 12. Considering the fact that the amplitude of the 1st FRM 326 

before control is the largest one, as shown in Figure 10, and its eigenvalue is much higher 327 

than that of the higher order FRMs, as shown in Figure 3. Thus, the 1st FRM is the domi- 328 

nant FRM in this case [10]. It can be noted from Figure 12 (a) that the amplitude of the 1st 329 

FRM (dominant FRM) is reduced significantly after control, while the amplitudes of 330 

higher orders of FRMs remain almost unchanged. Therefore, the transmitted sound power 331 

can be effectively attenuated when the 1st FRM contributions are controlled. On the other 332 

hand, since the 1st FRM is similar to the SM near the modal frequency, the amplitude of 333 

(1,1) SM (contributing the most to the vibration before control) is also suppressed 334 
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significantly, as shown in Figure 12 (b), while the amplitudes of other SMs are still nearly 335 

unaltered. Therefore, the vibration on the plate can also be well controlled. This inference 336 

is confirmed by the vibration velocity distributions on the plate illustrated in Figure 13. It 337 

can be observed that the vibration velocity of the plate is changed and drastically attenu- 338 

ated after control, and the RMS value of the vibration velocity decreases from 144.8mm/s 339 

before control to 0.1mm/s after control. Based on the above results, it can be deduced that 340 

the noise transmission and vibration of the plate can both be attenuated effectively at res- 341 

onant frequencies when dominant FRMs are controlled with the presented strategy, due 342 

to the similarity between dominant FRMs and corresponding SMs.  343 

  

a）Amplitude of FRMs b）Amplitude of SMs  

 344 

Figure 12. Comparison of amplitudes of FRMs and SMs at (1,1) resonant frequency 345 

  

a） before control b）after control 

Figure 13. The vibration velocity distributions on the plate at (1,1) resonate frequency 346 

Next, the control case at the non-modal frequency of 390Hz is investigated. As can 347 

be seen from the results in Table 4, the insertion loss is about 17.8dB for Control 1 and 23.8 348 

dB for Control 2. The amplitude comparison of FRMs and SMs before and after control 349 

(Control 2) is shown in Figure 12. Similar to the above analysis of the amplitudes of FRM 350 

and corresponding eigenvalues, the first two FRMs are the dominant FRMs in this case. 351 

As can be found in Figure 14(a), the amplitudes of the first two FRMs (dominant FRM) 352 

are reduced significantly after control. However, the amplitudes of SMs show different 353 

behaviors after control as shown in Figure 14 (b), i.e., amplitudes of some SMs (e.g., (1,1), 354 

(1,2), (1,3) modes) are suppressed more or less, while others (e.g., (2,2), (3,1) modes) be- 355 

come even larger by contrary. Therefore, the total vibration on the plate may not be atten- 356 

uated subsequently, the reason is that dominant FRMs are not necessarily similar to adja- 357 

cent SMs at non-modal frequencies. Final vibration velocity distributions on the plate are 358 
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shown in Figure 15. It’s seen that the vibration distribution is also changed and the level 359 

is even increased after control to a certain extent, with the RMS value of the vibration 360 

velocity increased from 0.37mm/s before control to 0.62mm/s after control. By integrating 361 

the above analysis, it can be inferred that noise transmission of the plate can also be con- 362 

trolled effectively when dominant FRMs are controlled, while the total vibration attenua- 363 

tion on the plate may not be assured yet at non-modal frequencies, due to the complex 364 

relationship that exists between dominant FRMs and corresponding SMs. It is worth men- 365 

tioning that in practical application, if the vibration amplification is too obvious to result 366 

in other possible influences such as structure strength and fatigue, remedies incorporating 367 

vibration constraints or employing multi-objective optimization should be considered. 368 

  

a）Amplitude of FRMs b）Amplitude of SMs  

Figure14. Comparison of amplitudes of FRMs and SMs at 390Hz 369 

  

a） before control b）after control 

Figure 15. The vibration velocity distributions on the plate at 390Hz 370 

5. Conclusions 371 

By virtue of the intuitive representation of the relationship between excitation force 372 

and transmitted sound power, the FRM framework has been successfully applied to the 373 

active control of noise transmission. The control forces are configured to make the total 374 

excitation force vector orthogonal to each dominant FRM, and a specific strategy for active 375 

control of noise transmission is developed. The following conclusions are drawn from the 376 

theoretical development and case studies: 377 

(1) At the modal frequencies of the plate, the 1st FRM exhibits high consistency with 378 

the corresponding SM, and the higher-order FRMs show similar modal shapes with the 379 
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SMs at adjacent modal frequencies. However, at the non-modal frequencies, the FRMs are 380 

not necessarily similar to the SMs at the adjacent modal frequencies.  381 

(2) Decoupled control of transmitted sound power corresponding to each FRM can 382 

be achieved, yielding excellent performance in both oblique incident and diffuse field ap- 383 

plications. This greatly simplifies the control system and enhances its effectiveness and 384 

robustness.  385 

(3) Noise transmission can be effectively reduced, while the total vibration attenua- 386 

tion on the plate may not be assured, which depends on the relationship that exists be- 387 

tween dominant FRMs and corresponding SMs. 388 

The presented strategy is anticipated to significantly simplify the control system and 389 

improve the control effect of noise transmission in practical applications. Further experi- 390 

mental validations will be conducted. 391 
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